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ABSTRACT

A general description of the mechanical seal problem is given
with references to historical background,

The design criteria, establishing ths basic configuration, and
the evolution of the final design of the experimental appuratus are
presented in detail., The description of the supporting equipment
and instrumentation is given; callibretion curves are included in the
appendix. The modifications and suggested improvements in the
apparatus are discussed in detail, A complets set of manufacturing
dravings for the apparatus that was built and used for the experimsn-—
tal work is on file in the Mechanical Enginesring Department of
California Institute of Technologyj the drawings are not includsd
in the thesis, but prints or microfilm copies are available,

In the experimental work, the qualitative determination of
the clearance geometry and the fluid film behavior in the clearance
of an operating seal are described, Measured lsakage rates and
friction coefficients are presented in graphical form together with
the pertinent operating variables, Photographs of typical inter-
ference fringe patierns and seal face fallures at various stages
ars included.

The sealing mechanism is established and discussed with
raferences to the photographs and numerical data, The usefulness of

the btalance ratlo of a mechanical seal as a basic parametsr is
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ostablished; the correlation of leakage rates and friction coefficient
values with the balande ratio and other operating variables is dis-
cussed, The frictional heat rate per unit seal area i1s shown to be
the important criterion if'or prediecting seal failures under different
operating conditions. An evaluation of experimental errors is
included,

In conclusion & program is proposed for continuation of the

experimental work and salient points in the resulis are summarized,
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LIST OF SYMBOLS

D outer diameter of seal ring in

d inner diamster of ssal ring- in

D  average diameter = % (D + 4) in

R average radius of seal ring in

b seal face width = £ (D - d) in

7 seal clearance in

Az axial runoui k3

a seal face area in'?

5 discharge pressure pslg

5 supply preassure psig

P sealed fluid pressure = % (B +§ ) psig
1.3, pressure differential across the seal face

F total closurse forcse 1b

N total force on seal face 1b

59 average sseal face press psi

S Shear force at R 1b

n rotation spesd rPm

7 average rubbing velocity Lo

t seal supply reservoir temperature °r

m  absolute viscosity 1b sec/f‘t2

v  kinematic viscosity ft?'/ sec

vy, kinematic viscosity of hydraulic oil at t ;E‘tz/ sec

Q leakage rate cm3/min

B balance ratio=-§- _

1 geal frictlon coefficient = -%

W weight of the window asssmbly 1b

rr net torque reading ,u.in/in

r- net closure force resading /.Lin/in

g average shear stress on seal face .'].b/in2



I, INTRODUCTION

Over the past 50 years mechanical seals have evolved from
specialty items into standard components produced in large numbers.,
The designs of commercially available seals are many; however,
the essential elements in all seal designs are similar, These
consist of a flat stationary face and a flat rotating annular
face held together by spring and fluid pressure forces, One face
is usually made of some hard material while the other face is
often made of graphite-carbon impregnated with metal, plastic,
metallic salt or some secret proprietary compound,

Although many descriptions of seal designs can be found in
the literature, design data either are not available or do not
axist, except for the requirements of flatness and surface finish
at the seal faces. The required degree of flatness quoted by
most Investigaters and manufacturers is 2 to 3 lightbands per
inch*, 1.e. curvatures not exceeding 0,C0002 - 0,00003 inch per
inch,

Available literature reveals that the actual sealing mech-
anism is not yet understood. There is no valid theory that ex-
plains the seallng mechanism which is adequately substantiated

by experimental results,

* Wavelength of monochromatic light A= 20 x l()"'6 inch,



3]

In the early papers on mechanical sgeals 4, Hollandﬂr(l)*
in 1944, and C, E, Schmitz(g) in 1948, both state that the desira-
ble conditlon for best seal operation is a thin film separating
ihe seal faces, This film may occasionally break resulting in
béundary lubrication and some wear, Hollander also refers to

boundary film investigations by Nseds(B)

and other attempis to
explain the mechanism that could maintain a fluid film betwsen
the seal faces.,

Othsr authors more rsecently propose different theories

(4)

involwing all poessibilities from houndary lubrication'™’ , through
monomolecular layer(S), to full hydrodynamic lubrication(é)s A1l
proposed theories are based on few experimental data, if any,

and the unknown fluid film behavior is "tailored" to fit the
particular theory,

In short, attempts to formulate a theory on the basis of
existing data lead to the following contradictions: Under sta-
tionary conditions there is & net closing (spring) force which
keeps the seal faces in a solid=to-solid contact resulting in
zero leakagse. While running, even at high relative face veloci=
ties and pressure differsntials, good mechanical seals have

axtremely low wear rates when compared to those obtained in numerous

dry wear tests, One might thus conclude that the seal faces

#Numbers 1in parentheses rafer to references at the and of the thesis,
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are separated by the fluid film, but such a film must then generate
sufficient pressure forces to balance the excess closure force,
Under running conditions, a mechanical seal should then behave

as an inherently stable thrust bearing. However, according to
existing hydrodynamic thrust bearing theories, an axial force
cannot bs developed between flat faces., Furthermors, all thrust
bearings involve substantial radiasl flow, while good seals have
very low leakage,

Modifications of different thrust bearing solutions have
been tried by assumine possible distortions in flai seal faces,
misalignment, eitc., but results are speculative and offer no
satisfactory explanation of the sealing mechanism, Effective
thrust bearing solutions require angular clearance variations to
create load supporting wedges, but such clearance geometry is
hardly compatlible with carsfully lapped and mounted opiically
flat faces, Clearly, if the nature of the fluid film between
seal faces were known, the sealing mechanism could be analyzed
without speculation, Combined with additional experimental data
it should be possible to arrive at a theory that can be used as
a practical design basgis,

To obtain nesded experimental data it was decided to de-
aign and build & special apparatus where the behavior of the fluid
film could be visually observed and photographed, while the ssal
is operated under controlled conditions and with sufficient in-

strumentation for collecting numerical data.



II, DESIGN OF EXPERIMENTAL APFARATUS

2.1 Design Criteria

In order to establish the design criteria for the apparatus,

a survey of commercially available seal designs was carrisd out.

Based on this study it was decided to design the apparatue to

satisfy the following basic requirementss

ll

30
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5.

One of the seal faces must be transparent to permit
observation and photography of the fluid film in the
seal clearance,

Provisions for measuring torque and closure forces
acting on the seal faces under controlled operating
conditions must exist,

Seal sizes 2 to 5 in.0, D. should be possiblse.
Capacity to maintain differential pressures across

the seal up to 500 psig.

Spead control over the range of 700 to 4000 rpm should
be provided if possible,

Easy access to the test seal components for inspection,

changes and relapping is desirabls,

The reasons for these specifications were:

1.

The main objeet is the investigation of the oil film
behavior and the sealing mechanism, rather than deter-

mination of the operating limits of the mechanical



seals, Therefors, specifications should inelude a
sufficient range of common sizes and operating con-~
ditions but not the extremss,

2. Small seal sizes, although common, are not suitable
for visual observation and photography.

3. Preliminary design studies showed that thebabove
requirements would already present challenging design
problems, Designing for extreme opsrating conditions
would not be justifisd in view of the main objective,

4. Design studies indicated that exceeding the chosen
specifications by significant amounts would lead to
designs that would meke the apparatus impossible to
build at a reasonable cost.

5. Chosen specifications would allow good use of existe
ing equipment and laboratory facilities for auxiliary
services and instrumentation, resulting in considerable
savings,

Ag the actual dssign of the apparatus prcgressed other reasons
became apparent., These will be mentioned later with the discussion
of the apparatus and its design,

2,2 Basic Configuration

The basic configuration of the final design evolved from
four requirements that were considered essential and thersfore

should not be compromised if at all possible, The following is
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an account of the design restraints imposed by these four require-~
ments, and how the basic design configuration finally evolved as
a compromise beiween many practical design limitations,

l. Provision for viewing and photography - The observatiom
and successful photography of thin fluid film phenomena depends on
achieving sufficient contrast by choosing suitable illumination
and the bést viewing angle., The difticulties of this task were
well-known from an earlier investigation of oilfilm behavior in
journal baarings(7), Thus, te avold as many lighting, reflectiom
and view obstruction problems as possible, it was decided to keep
a large hemispherical space on the outer side of the transparent
sealvmember completely free of all structure. This effectively
meant that all available design apace waa on one side of the
observation‘window.

2, Seal friction torque measurement = Order of megnitude
calculations, using available seal friction data, indicated that
torques to be measured would, under some operating conditions, be
comparable to the parasitic torgques in the apparatus, Consequently,
designs without provision for isolation of seal friction térques
were not acceptable, The two possible alternatives to consider
were either to measure friction drag of the rotating face or the
reaction tdrque of the stationary facej the latter, of course,

would present fewer instrumentation problems,



3., Alignment of seal faces - In most commercial seal designs
the alignment between the seal faces is achieved by mounting the
rotating face on a flexible support, The rotating facs then finds
its own axis of rotation in relation to the fixed face, and thus
compensates for the runout in the drive shaft, The closure force
is determined by spring preload and fluid pressure. Such a con-
figuration is not easily adaptable for producing a variable closure
force that could be closely controlled and measured, If the sta-
tionary face were fixed, the measurement of torque would have to
be done the hard way through the rotating halfj this is not a good
solution in any circumstance,

Floating the staticnary face on a hydrostatic bearing was
considered and discarded as a risky solution. A misaligned or
flexibly mounted rotating face running against a stationary face
resting on such a support can lead to unstable vibrations which
are difficult or impossible to damp out. Any such structure would
Aprobably obstruct some of the space needed for viewing the seal
faces., After trying several configurations, it became clear that
the self-aligning feature of commercial seal designs had to be
compromissd in order to resolve the torque and closure force measurse-
ment problems in a reasonable manneor,

In order to eliminate the nesd for sslf-alignment the axial
shaft runout had to be reduced to a minimum, Thus the basic con-

figuration had to provide a pracision spindle with all the necessary



supports and some adjustment to compensats for random errors inevita-
bly associated with machining tolerances. It was estimated that with
proper deslign the maximum axial runout at the test seal face would
not exceed 0,000l inchj this is an order of magnitude lower than

that found in commercial seal applications,

Even with this small runout, the unrestrained closure of the
seal faces cannot be guaranteed unless the axlal closure force is
applied free of any momenis. The above basic configuration must
therefore provide a pivot for the stationary face, The resulting
advantage from this trade~off is that, hy proper design, such a pivet
can also be utilized to isolats the reaction torque of the stationary
face for measurement purposes,

4, Controlled closure force - 4 hydraulic or pneumatic cyline
der with a controlled pressure supply is one of the simplest ways to
produce a continuously variabls forece, partieularly if no motion is
required, The hydraulic loading system also has the advantage that
the spring constant, i,e. "hardness", can be varied by adding an
accumulator to the system. In this case the deciding factor for a
hydraulic loading system, in preference to other possibilities, was
the availability of a laboratory hydraulic test stand., The pressure
in a hydraulic cylinder, however, is not an accurate measure of the
force, Consequently, the convenience and siﬁplicity of the loading
system had to be paid for by providing means for accurate closurs

force measurement in the basic configuration.



5. Other design considerations - In commercial seal designs
the preferred arrangement is for radially inward leékage. The
primary reason for this is to keep the relatively week carbon seal
in compression. The argument of using the centrifugal forece to
oppose leakage is also often used, However, numerous broad general-
izations and contradictory statements(A) can be found in the techni-
eal literature, indicating that centrifugal force effects on the fluid
between the faces of a seal are not known., It is also clear that the
centrifugal forces are trivial comparsd with viscous forces in the
narrow clearances.,

Attempts to conceive a basic configuration with inward leekage
and a stationary transparent seal member all failed. Such configura-
tions required giving up at least one of the four essential test
apparatus requirements, Inverted configurations with a rotating
transparent seal face were also tried but no satisfactory solutions
could be found, Even by relaxing the essential requirements all
conceivable configurations with inward leakage still ended up with
some Inherent design problems which were best avoidad,

On the other hand several basic configurastions with radially
outward leakage paths had been conceived and developed in some
detail, These appeared feasible and could be worked into a final

design satisfying at least the essential experimental requirements.,
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411 these configurations used a vertically mounted spindle to

eliminate gravity effects. They could be divided into two types:

a.

Single configuraticns - the main advantages are availability of
all space on one side of the staticnary transparent seal member,
direct measurement of all variables and accessibllity to the
other end of the spindle for drive, cooling, closure, instru-
mentation, ete, The main disadvantages are large closure loads
carried by the spindle and the bearings thus resquiring a large
and rigid structure., The friction losses in large, heavily
loaded spindle bearings ars appreciable; hence, cooling for the
bearings heccmes & necessity.

Back-to-back configurations = the advantages are low spindle
bearing loads allowing use of smaller bearings, lighter apparatus
structure, and operation without special cooling'for the spindle
bearings. The disadvantages are, either matching two test seals,
or isolating thess torsionally from each other without losing

the advantage of the balanced closure, The control and measure-
ment devices for the closure forces, provisions for the clrou-
lation of sealing fluid, and the spindle drive are more difficult
to design because neither spindle end is easily accessible,

Decigion in faveor of the basic configuration with a single

test seal was made on the basis of relative cost estimates for the

two configuration types.
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The total cost of supporting structure and auxiliary apparastus
componants made of common engineering materials depends primarily on
the number and the accuracy of the required machining operatioms,
while the cost of the raw material is a rélatively'small fraction,
Therefore, no decisive machining cost differences could be found in
favor of either configuration,

The most expensive single components in the apparatus are
precision spindle bearings and glass or quartz windows making up the
transparent seal member, The cost of a set of large Class 00 roller
bearings (runout < 75 parts per million) was found to be 5 to 10
times the cost of a plate glass window, and comparable to the cost
of a quartz window, On the other hand the cost of Class O bsarings
(runout < 150 parts per million) is comparable to that of a plate
glass window,

If the cost of small bearings for a back-to~back arrangement
with a pair of matched test seals was assumed to be negligibls, the
costs of the two configuration types would be comparable using
quartz windows and Class 00 bearings, or using plate glass windows
and Class O bearings, It was also reasonable to agsume that the
frequency of window scoring in the back-to-back configuration would
be twice that of the single seal configuration, In such case the
cost breakeven point for the Class 00 bearings and plate glass

window combination would be reached after a few scorings of the



windows., Thus with or without the need for quartz windows a single
test seal configuration appeared favorable except for a very short
test program,

The final compelling reason for a single seal configuration
is the time required for lapping the mechanical seal faces to the
required degree of flatness and surface finish, It was found that,
depending on the seal material and the initial surface quality, the
lapping of one seal face may take from a quarter of an hour up to
two hours, When additional requirements have to bes met, such as
matching two.seals, the lapping time will be considerably longer,

In view of all the foregoing arguments, the selection of a
single test seal configuration for the apparatus is considered well
justifiad by this writer.

2.3 Detailed Design

A sectional and an isometric view of the final detailed
apparatus design are shown in Figures 1 and 2, respectively. The
exact shapes, dimensions and materials of each single component
listed in Figure 1 were determined on the basis of design calcu~
‘lations for strength and rigidity, with due consideratiocn of
availability of materials, machining operations and overall cost,

For the largest seal size of 5 inches 0.D, and maximum
sealed pressure of 500 psig, the spindle, supporting structure, and
the load measuring mechanism had to be designed for 8400 pounds

maximum forne,
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Figure 1.

I

PART DWG.

| | WINDOW 14
2 | SPINDLE 9
3| ROLLER BEARING

4| SEAL ADAPTER 10
5| SPINDLE BOLT 8
6 | BANJO FITTING 6
7| BANJO SLEEVE 7
8| LOCK PLATE 13
9 | SEAL RING 12
10 [ BELL HOUSING l
11| SPINDLE HOUSING| 2
12| LOAD CYLINDER 22
13 | CYLINDER NUT 23
19 | LOAD TUBE 21
1S | YOKE 20
16 | TIE ROD 19
17! TIE BLOCK 18
18 | GIMBAL 4
19 | KNIFE EDGE 15
20 | PIVOT PIN 15
21 | PIVOT BLOCK 17
22 | MOUNTING RING 3
23 | TORQUE STRIP
24 | STRIP COLLAR 29
25 | TORQUE RING 24
26 | LOCK RING 5
27 | SPILL CHANNEL K]
28 | ADJUSTING NUT | 25
29 | LOCK NUT 27
30 | PULLEY FLANGE | 26
31 | PULLEY
32 | BAFFLE
33 | TEST BENCH 28

Sectional view of the apparatus.
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Figure 2. Isometric view of the apparatus.
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Plate Glass Window [1] *, Observation of the fluid film

between the faces of the test seal is through the transparent
stationary half of the seal which is in the form of a round plate
glass window, On the basis of the maximum recommended tensile
working stress of 2000 lb./in,2 for tempered plate glass, the
required window thickness is 1.5 inches., With full design load
the maximum deflection in the center is about 0,001 inch, Deflsc-
tion varies as the second power of the radius, so the maximum
slope in the vicinity of the face of & 5 inch 0,D. test seal is

of the order of 0,0005 inch/inch. This means that due to the

deflection of the glass alone onz would expect a clearance varia-

tion of the order of 250 x 10"6

inches over a seal face width of
1/2 inch. This corresponds to mors than 20 light bands (using
light of 5875.6 z wavelength),

It also became obvious that this distortion could not be
significantly reduced. The eslastic modulus of fused guartz is

6 6 1b./1in,° for plate glass,

12 x 10 1b../in.2 as compared to 9 x 10
i.e, a reduction of distortion by some 30 per cent. Increasing the
thickness of the window appears to be the most effective way of
reducing distortion since deflection variss inversely with the

third powsr of thickness. However, to keep the distortion within

* Numbers in brackets refer to components in Figure 1,
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the limits of accepted flatness specifications requires a reduction
of distortion by an order of magnitude. A window 2,16 times thicker
or about 3 inches thick would be required. Such a window thickness
drastically limits the field of view and results in bad lighting
problems, defeating the main purpose of the investigation, Plate
glass windows 1.5 inches thick and 6 inches in diameter could be
procured at a reasonable cost (g35 apiece), while a 3 inch thick
window is much more costly and difficult to obtain.

In most practical installations mechanical geals ars supported
by much more flexible struectures than this teet equipmenty it
became clear that finer flatness standards under operating loads
would hardly simulate an actual mechanical seal in operation. It
wag decided to use a 1.5 inch thick window and limit deflections by
operating the largest seals at lowsr pressures. With high pressures
smaller size seals would be mandatory if distortions turned out to
be objectionabls,

This compromise gaﬁe & limited means for controlling the
distortions and, incidsntally, alsc gave some means for examining
the effect of distortions on the sealing mechanism,

Precision Spindle [2] and Bearings [3] . For a precision

spindles a preloaded bearing arrangement is essential, The top
bearing was selected on the basis of the maximum load and 1000 hour
lifs at 4000 rpm, The bottom bearing carriss only the presload

forces and could be very smallsy however, in this case the size
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was dictatsed by the minimum spindle diameter to accommodate two
passages for the ecirculation of the liquid to provide cecoling and
controlled pressure at the seal faces,

In the spindle design special consideration had to be given
to manufacturing problems. For precision grinding of bearing ssats
and the seal adapter [4] seat, provisions for false centers wers
included at both ends, To provide hard bearing seats (Rockwell
€30-~35) without heat treating and subsequent finish machining, the
spindle was designed for machining dirsctly from hardened stesl,
The double passage complications were effectively shifted to the
spindle bolt [5] , and banjo fitting [6] , which were easier to
machine and required less precision,

Careful consideration of the grinding tolerances also
indicated that Class O bearings can be used without increasing the
spindle runout significantly. In particular, grinding tolerances
of + 0,00005 inch can be and are produced by commercial grinders
at reasonable prices. With effective bearing centers & inches
apart and Class O bearings (runout < 0.00015) the axial runout of
the seal adapter seat periphery would be in the worst possibles casse
less than 0,000075 which is of the same order as grinding tolerances,
Seal adapber [4] machining tolerances for face parallelism would
also be of the order of + 0,0001 inch and considerable compensation

can be achieved by selsctive orientation in assembling these partis.
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Thus Class 00 bearings, which have twice the precision and about
five times the cost, would be wasted. In addition to the lower cost
the delivery time for Class O bearings was shorter by several months,
The double banjo sleeve [7] for the hose connections to the
seal fluid circulation passages in the spindle is designed with
minimum possible diameter in order to reduce the rubbing veloeity
of the rotary O—riﬁg seais. The double arrangement uses only two
high pressure seals, the third seal in the middle is subject to
differential pressure only., Having all O-rings of equal size
eliminates the end thrust problem; and incidentally, reduces the
number of O-ring sizes to be stored for replacing the worn ones,
At the top end of the spindle the seal ring lock-plate [8]
is designed to provide uniformly distributed flow radially outward,
upward past the seal ring, and radially inward along the window
for return through the central passage in the spindle bolt [5] .
In the design of the fluld circulation passages it was attempted
to maintain a constant effective cross-section so that both supply
and return paths would have equal pressure drops,

Supporting Structure. The bell housing [10] and the spindle

housing [11] form the structural backbone of the apparatus, The
basic shapes of these components, together with the strenmgth and
rigidity requirements, made it obvious that they should be designed

- as castings. Since complex shapes add little to the casting costs,
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several useful features were incorporated and ease of assembly was
carefully consldered in designing these parts. In particular, the
bridge member of the bell housing was designed to permit changing
of the drive pullsys [31] and banjo fitting O-ring seals without
disassembly of other components; a spill groove for collscting the
bearing cooling oil wasg included, and the piston of the hydraulic
lcad cylinder [12] was made integral with the bridge portion of the
bell housing. The alignment of the bell housing [10] with the
spindle housing [11] is through tubular dowels and independent of
the test bench,

The entire apparatus is mounted on a blanchard ground steel
plate [32] which forms the top of the test bench, The mounting is
designad so that the spindle housing assembly can be dismantled
without disturbing the bell housing and vice-versa,

The test bench also ssrves as the supporting frame for the
electric motor to drive the spindle,

Closure Fores and its Measurement., The closure force is

supplied and controlled by the hydraulic pressure ln the load
eylinder [12] . For a "soft" system the cylinder is left floating
on the hydraullc pressurej; an essentially constant force system may
also be obtained by connecting an accumulator with an air reservoir
into the system. For a "hard" system the loading cylinder nut [13]

can be tightsned up and the hydraulic pressure may be releassd, The
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spring constant is then governed by the combined elasticity of the
tie rods [16] and the loading tube [14] . The long tie rods serve
to separate the closure forces from the frietional forces acting

on the glass seal member, By proper adjustment of the length of

the torque strips [23] , the tie rods [16] can be made perpendicular
to the seal facej the friction torque is then carried only by the
torque atrips [<23] .

The yoke [15] is designed to center the loading tube betwsen
the tie rodsj; these in turn are accurately positioned in the yoke
by closely fitted tapered nuts and matching soate, The yoke is set
perpendicular with respect to the loading tube by adjusting the
lengthe of the tie rods and checking with a level, or feeler gauges,
Sinca the loading tube is aligned with the bell housing, the tie
rods are ihus located symmetrically with respect to the spindle
axis,

The aluminum load tube [14] acts as a spacer, A heater is
installed inside this tube (not shown on Figures 1 and 2) so that
the thermal expansion of the long tube can be used to produce a very
slow variation of the closure force when the stiff closure system
is used. The estimated thermal loading effect with the system
reating on the load cylinder nut [13] , is of the order of 20 pounds
per degree Fahrenhelt temperature rise, To avold excessive heat

loss through the load cylinder, it is made of stainless steel and
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the contact area with ihe aluminum tube is reduced to a minimumj
space is also available for insulating washers al both ends of the
load tube,

The closure forces are measured directly by sirain gauges
attached to the flat ground portions near the bottom ends of the
tle rods, There are four strain gauges on each rod mounted on
opposite sides to provide compensation for bending and thermal
effects; all are connected into & common bridge circuit to read
total force directly.

In the early deslgn stages, Lhe measurement of closure force
by direct ﬁeighing was also considered, To do this with sufficient
accuracy the radius of the balance knife edges must be small compared
to the ghortest lever arm in the balance: considering the physieal
size of thevapparatus,even compound levers with more than 100 to
1 overall ratio would be impractical, Assuming the shortest lever
of 1 inch length and using "Tantung” tool bit with 0,025 inch radius
for the knife edge (350,000 psi compressive strength), the required
knife edge length to weigh the design load is about <,5 inches, Aany
balance structure to back up two such knife edges, i,e. load and
reaction pivots, would be rather cumbersome and out of proportion
with the rest of the structure.

On the other hand a full gimbal [18] with two such knife
edges [19] at right angles turned out to be the practical solution

to the pivot for eliminating all moments from the closure force.
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Standard 1/4 ineh square "Tantung" tool bits are used for knife
edges [19] and 5/8 inch round bits for the seats [20] 3 total initial
cost is less than $10., The only machiﬁing operation involving pre-
cision is grinding the groove into the round bit; this can be done on
an ordinary surface grinder with a profiling attachment for dressing
the wheel to the desirsd radius. Setting both knife edges into the
gimbal ring, the pivot axes could be made coplanar within the
machining accuracy (i.e. about + 0,001 inch), By adjusting the
window position with shims so that the face lines up with the seat
line of the pivot pins [20] in the mounting ring [22] , the plane of
the gimbal axes can be mads to coincide with the plane of the seal
‘face, This ensures that any tilting of the glass to follow the
rotating seal face can take place without lateral shifting. This
design gave & positive closure with a good quality pivot and also
provided quick access to the test ssal, To remove the window it is
necessary only to disconnect the torque strips [23] from the mounting
ring [22] , back off the setscrews and pull the two pivot pins [20] .
The mounting ring can than be lifted off without disturbing the rest
of thé apparatus, In actual tests this feature was extremely use-
ful because seal rings [9] could be removed for relapping within a
few mimites,

The complex shape of the mounting ring [22] resulted from the
need for rigidity in this part as well as in the gimbal ring [18] ,

Since deflections are proportional to the cube of the span and
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inversely proportional to the moment of inertia of the cross~section
(i.e. the cube of the height of cross—section) any increase in the
diameter required a proportional increasse in vertieal direction,

The only solution to this unfortunate conditi&n was to nest the
gimbal ring [12] inside the mounting ring [22] , which also gave

the best support for the knife edge pivot pins.

Torque Measurement., As already mentioned the glass window

is held against the seal ring by the closure force supplied through
long tie rods [16] , the gimbal [18] and the mounting ring [22] .

The seal friction is measured directly in terms of the
reaction torque required to hold the mounting ring stationary., This
reaction torque is supplied by two flexible steel strips [R3]
connecting the mounting ring [22] to the torque strip eollars [24] .
The torque étrips [23] ars made from standard 0,002 or 0,001l inch
feeler gauge stock which is readily available, One of the strips
is equipped with four strain gauges forming a temperature compensated
bridge, and is calibrated for direet forece readout,

The accuracy of the torque measurement is dependent on care=-
ful separation of the reaction torgue from the closure forces, and on
the proper alignment of the mounting ring with the axis of the spin-
dle, The design provisions to sliminate the external moments and
torque loads, by the long tia rod and full gimbal arrangement, have
been discussed in the preceding section., For aligning the center of
the mounting ring with the spindle axis fuﬁther adjustments are

provided in the design.
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The spindle housing flange is used as a pilot to center the
torque ring [25] 3 this positions the torque strip collars [24]
symmetrically with respect to the spindle axis, The mounting ring

[22] is then centered over the spindle by individual adjustment of
the torque strip lengths with the screws in the collars [24] . A
second set of screws in the collars provides for fine adjustment
of thé torgue strip ends in the vertieal dirsction. Once this
adjustment is dons, the entire window assembly can be rotated about
the spindle axis by turning the torque ring, This rotation is used
to adjust the perpendicularity of the tie rods in the tangential
direction,

One of the gimbal axes is fixed in the mounting ring by the
pivot pins; the gimbal is positioned along thislline by gauging the
space between the pivot pin lugs and the gimbal on both sides, The
alignment of the closure is completed by centering the pins [20] in
the pivot blocks [21] and setting the ends even with the ends of the
knife edges in the gimbal, To check the alignment, the glass window
is floated hydrostatically on the supply pressure and allowed to find
its own equilibrium position over the stationary spindle; this is
also done when establishing the zero reading for torque measurement.,

Leakage Measurement, Two labyrinth seals are used to collect

the test seal leakage and keep it separated from the cooling oil
circulated through the spindle bearings, The first labyrinth is



formed by the slinger near the top of the seal adaplter [4] , and the
skirt of the lock ring [26] , extending into the spill channel [27] .
Because the general arrangement is such that the spill channel is
necessarily located inside the gimbal, the drain piping connections
to the spill chamnel created an unusually difficult design problenm,
Rather than enlarge the gimbal to provide ths needed clearancs, tha
gimbal was designed with a special vertical profile to accommodate
the drain piping. The advantages of such design were considered
well worth the increassd cost for machining the gimbal, Thse drain
piping 1s designed for gravity flow from the spill chennel directly
into a graduated glass eylindsr,

The second labyrinth seal is designed to keep the bearing
cooling oil out of the spill channel for the seal leskage. The
labyrinth consists of a baffle inside the bore of the spill channel

[27] and another slinger ring at the lower edge of the seal adap-
ter [4] .

The use of lip seals was carefully avoided throughout the
apparatus design becausse, at high surface speeds, the frictlion losses
become prohibitive; a bigger and more expensive drive would be needed
and other complications may result if additional cooling becomes
necessary.

2,4 Auxiliary Egquipment.

Hydraulic System. The auxiliary hydraulic system consists of

three independent hydraulie units. Two arae used to contral tha
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variables in the test seal under operating conditionss the third
supplies 0il to the spindle bearings. The schematic representation
of this entire hydraulic system is given in Figure 3,

The loading cylinder is supplied by a hand pump in the
laboratory hydraulic test stand. A shutoff valve is used to confine
the pressure in the loading cylinder when the desired load is reached,
Two bourdon gauges covering the pressure ranges 0 to 600 psig and
0 to 5000 psig are used to monitor the pressure in the load eylinder,

In the first series of tests hydraulic oil was uged as the
fluid in 'bhev test seal. Il was bossible to use an existing hydraulic
supply unit built by the Dennison Company with only minor modifica~
tion., A cooling coil had to be installed in the reserveir to control
the seal fluid temperature, Two throttling valves in series ars
used to adjﬁst the supply and discharge pressures fed to ths double
banjo joint at the lower end qf the spindle, Essentially, this
allows one to control the pressure at.the seal and the differential
pressure governing the flow rate past the seal to provide cooling.
Additional flow rate control is possible by changing the output rate
of the pump in the hydraulic unit. The piston-accumulator in the
hydraulic unit is used to reduce pump‘pulsations and other surges
in the system,

0il for lubrication and cooling of the spindle bearings is

supplied by a small gear pump, the pressure being controlled by a
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throttled bypass. The bypass flow is utilized to provide circulation
around the coaling eoil in tha o1l reservoir. The o0il to the bear-
ings is passed through a ceramic filter and is delivered at the
periphery of the top spindle bearing by two diametrically opposite
taps, The oil runs through both spindle bearings by gravity; any
excess oll that cannot pass through the top bearing flows through

two bypass passages provided inside the spindle housing at 90° to

the supply taps. After passing through the bottom bearing the oil

is collected in the spill groove and returned to the reservoir by

a scavenge pump and by gravity.

Cooling System. Cooling water for the heat exchange coils

in the o1l reservoirs is tapped directly from the supply mains in
tha laboratory,.

Spindle Drive. In order to design the spindle drive, and

select a suitable electric motor, the power requirements based on
the friction losses in the test seal had to be estimated, Some
twenty papers on mechanical seals were checked for seal friction
datas only two of these (4) and (8) by Mayer contained applicable
friction coefficient values, However, the values of u= 0.005 to
0,1 and p= 0,05 to 0.15 for low and moderate wear rates respectively
represent too broad a range Lo permil any reasonable estlmate of
power'requirsments.

Clearly, if the transparency of the glass window was to be

maintained, very little wear and scoring of the glass window could



bs tolerated. Thus a value of u= 0,05 appeared to be reasonable
design maximum, particularly if a fluid with good lubricating
properties were chosen. To satisfy the maximum design criteria

the power requirements would be 1.2 to 12 hp for a friction coeffi-
cient range of u= 0,005 to 0,05, Since the available friztion data
is so limited and widely scattered the above figures are very
unreliable, Rather than be committed to the expenses of buying a

12 hp motor and the necessary controls, it was decided to experiment
with a smaller motor., By starting out with smaller seals and lower
speeds, considerable data could bs obtained, If a more powerful
drive should become necessary, thers would be enough data to deter-
mine the sxact requirements.

The drivs was designed for a single 3/8 inch V-belt, commonly
known as a 3V cross~section, with a maximum power transmission
capacity of about 8 hp at the spindle speed of 4000 rpm. To cover
the contingencies a provision was made to accommodate a two groovs
pulley if necessary.

4 1,5 hp compound wound D,C. motor was available at a very
low cost and it was decided tc use that motor for the initial experi-
mental program, By utilizing both the 125 V and 250 V D,C. supply
in the laboratory, and controlling both armature and field voltage
with varieble resistors, spindle spsed variation of nearly 50 psr

cent could be obtained within the range of a single pair of pulleys.
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Ingtrumentation. Since most operating parameters can be

measured directly, only & few simpls instruments are needed., Both
closure and torque forces are measured by tempserature compensated
strain gauge bridgess, which are mounted dirsctly on the apparatus
components, designed specifically for strain gauge application,

The tie rods were calibrated individually and together in a tensile
testing machine. The torgue strip was calibratsd in the installed
pbsition by hanging weights on a fish line using a small ball
bearing as a pulley., A standard SR-4 strain indicator is used for
readout of both bridges; the selection is by a four pole double
throw switch,

The sealed fluid delivery and discharge pressure is measured
by two bourdon gauges which have been calibrated on a dead weight
tester, The pressure at the seal is taken as the average of the
two readings since the friction drop is approximately the same for
the supply and discharge flow paths, The hydraulic fluid supply
temperature is monitored by the thermometer in the reservoir and
manually controlled by adjusting the cooling water flow, The spindle
speed is measured by a strobotach using the timing mark on the seal
ring lockplate, The field and armature currents of the drive motor
ara monitored by the meters on the contrel panel.

2.5 Design Changes and Proposed Improvements.

In assemblying, checking out and operating the apparatus =a

number of corrective changes and improvements wers made., Furthermors,
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there are several design changes that should be made if another
apparatus of this type is designed and built,

1. In designing the spindle [2] the 16N thread was used to
allow fine adjustment of the bearing preload. It was found that
considerable trial and error was required to achieve satisfactory
adjustment for continuous operation., The main difficulties arose
from the differential thermal expansioné which, under certain
conditions, tended to increase the preload and resulted in excessive
heating of the bearings. To simplify the adjustment and reduce the
danger of excessive preloads a flexible member between the bearing
and adjustment nut should be provided in the design., The "loose
fit" of the botiom bearing cone must also be carafully’maintained
if full advantages of such flexible preloading arrangement are to
be realized,

2., The tie rods [16] were designed for machining from
round rods with ends upset and a portion flattened by forging to
provide the cleanup for machining., The available forging facilities
and skills were oversstimated; therelore, Lhe'dgsign of the tle
rods should be modified to eliminate the troublesome forging opera-
tion, It would be preferable to design the tie rods in two pieces,
making the strain gauge mounting portions shert so that these could
be conveniehtly machined, This, of course, also requires designing

a coupling to join the two sections of the tie rods. Alternatively,



tle rods may be machined in one piece eliminating the coupling. In
any case the tubular dowels and hole sizes in the bell housing [10]
and spindle housing [11] should be checked for adequate clearance

to facilitate the assembly of the apparatus. In the existing design,
clearances were allowed for rods, but were not sufficient for the
strain gauvge connecting wires to pass through, Consequently, ths
test bench had to be tilted or lifted to install the tie rods from
underneath,

3. In using the parallelogram geometry with torque strips
for seal friction measurement the fact was overloocked that with the
mounting ring in the centered position the centering force component
produced by the seal friction torque becomes zero, Thus the system
can, and under certaln conditions does, bshave as a self=excited
oscillator resuliing in severe vibrations., This con&ition was
corrected by designing stops that kept the mounting ring vibrations
from building up. These stops consgist of small ball bearings which
are mounted on two additional posts in the torque ring [25] and are
adjustable with respect to the cylindrical side of the méxm‘birrg ring.

4. The labyrinth seals at the top end of the spindle, as
initially designed, were not adequate., Two slinger rings had to be
added to the seal adapter [4] and a baffle into the bore of the spill
channel [27] . In addition the skirt of the lock ring [26] should
be lenghthened about 0.2 inch to reduces the fine spray that occurs at

high leakage rates as the oil is slung into the spill channel,
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At the botiom end of the spindle, the labyrinth sealing the
cooling oil spill groove was adequate with rotationy however, the
groove was too shallow to provide sufficient head for drainage by
gravity, This was anticipated in the design but could not be
corrected easily due to space limitations, The problem was eliminated
by adding a small scavenge pump to the bearing supply system,

A third sealing problem was encountered under certain con-
ditions with stationary spindle and high seal leaksage ratss, e.g.
when establishing the zero torque reading., It was found that seal
leakage found its way into the spill groove for the bearing cooling
oll although there was no spilling over the outsr edge of the spill
channel vhich is lower than ths inner edge. A pressure diffsrential
sufficient to overcome the elevation difference betwean the inner and
the outer 1lip of the spill channel [27] apparently was created by
the suction of the scavengs pump or the syphon sffect when the flow
rates were such that a liquid seal was formed in both the spill
channel [27]and the spill groove of the bell housing [10] . To
rectify this condition tangential vent holes were drilled into the
lock ring skirt [26] to eliminate the pressure differential,

The experience gained emphasizes three important points in
designing labyrinth sealsy overlap should be made as bilg as possiblo,
the secondary leakage due to splash and ricocheting of the fluid
thrown from slingers may be significant, and labyrinth seal operation

under different fillup levels must be considered in order to ensure
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proper ventling, particularly if several labyrinth seals ares inter=
connected in some way,

5. During experimental runs several premature seal ring
failures were caused by sudden drops in the seal supply pressure,
In such cases the test seal had to be relapped and at least part
of the test run repeated,

The unexpected pressure drops are caused by the sticking of
the accumulator piston. It may be possible to reduce the severity
of these sudden pressure drops to some extent by dismantling and
cleaning the accumulator; however, the problem still remains because
some Coulomb friction will always be present. The pressure varia-
tions are rslatively savere bscause the supply pressures used in
the experiments are very low (less than 500 psi) compared to the
accumulator rating of 3000 psi,

The solution to this problem is a diaphragm type accumulator
with a pressure rating that is clossly matched to the experimental
pressure range. If desirable, the supply pressure variations can
be further reduced by connecting an auxiliary compressed air tank
to such an accumulator,

6. Based on the friction coefficient values calculated from
experimental results, a drive motor of 3 to 4.5 hp is nesded to
cover the entire range of operation parameters and ssal sizes of

the apparatus, However, a new motor is not essential until the
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experiments with the seal sizes and operating conditions within the
capacity of the existing drive motor have been completed. The power
rating of the present 1,5 hp motor can be readily extended by at
leagt 30 per cent by providing forced cooling. The forced cooling
ducts can be connected directly to the motor vents without any access
or space problems.,

7. Under certain operating conditions it may be desirable
to measure friction torques so low that tensile forces on torque
strips are less than 0.5 pound. In that region the stresses in
strain gauge backing and bonding materials become relatively more
important, and strain gauge bridge response becomes nonlinear and
less accurate. The nonlinearity aad increased scatter of calibra-
tion points ean be amsen in the ealibration curves for torque strips®.
The above effects can be suppressed with a bias load applied to the
mounting ring. The simplest method would be to use two hanging
welghts on thin strings fastened to the mounting ring and running
over small pulleys mounted symmetrically on the torque ring. Thils
design modification has not been necessary because so far in
mechanical seal experiments low torques were encountered only with
high leakage rates; an operating region of little interest.

2,6 Summary,

From the full scale design layout, part of which is shown in

¥Pigure 21 in the appendix,
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Figure 1, complete detall drawings were prspared for every component

of the apparatus, These drawings are up to date with respect to

all the design changes and represent the apparatus in its present

form, The detailed drawings are too big and numerous to be included
in the body of the thesis; however, prints or microfilm copies can
be made when needed from ths originals that are filed in the

Machanical Engineering Depariment.,

The apparatus design may be considered successful.bacauses

1, The apparatus in its final form satisfies the experimentel
requirements and design specifications,

2, No major design changes were needed after the final design
layout was completed,

3. Ne¢ serious manufacturing problems were encounterad,

4. All components were built according to the detail drawings;
whenever parts checked out within specified tolerances they
assembled as sxpected,

5. The minor design changes discussed in the preceding section
have been or can be carried out without difficulty.

6. The various adjustments provided for in the design have been
adequate,

7. In the experimental work no serious difficulties have been
encountered that could te considered dus to oversights in

the apparatus design.
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In partizular, test seal gecmetry can be controlled to ati
least an order of magnitude higher accuracy than in any commercial
seal. Using selective orientation when mounting the seal adapter [4],
onto the spindle [2] , and by lapping a taper into the seal ring [9] ,
the axial mmout of the test seal face can he ﬁade less than 0.00005
inch (i.,e, approximately Five light bands) without imposing expensive
high precision requirements on machined paris or bsarings,

The four essential requirements to be satisfied by the basic
apparatus configuration proved highly ussful in conducting the experi-
mental work. The rather stringent decision to keep all space on one
side of the window free of all structure has facilitated the photo-
graphic work, It can be seen from the overall view of the sxperimen-
tal setup in Figure 4, that the space requirements for the camera and
lights have not been overestimated.

With controlled and measurable axial force capacity up to
8400 pounds the apparatus can also he used for investigating the
oil film behavior in thrust bearings of both static and dynamic
type. The adaptation for thrust bearing work requires only replace-
ment of the seal ring [9] by a thrust bearing ring; alternatively,

a completely new adapter with an integral thrust bearing may be
designed. No changes are needed in the glass window or the eXisting

instrumentation.
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ITI. EXPERIMENTAL RESULTS

3.1 8eal Preparation and Clsarance Geometry.

The seal faces are finished on cast iron lapping plates charged
with diamond powder. To chargs a lapping plate, fine diamond powder
in paste form is rolled into the plate surface with a hard roller,

A roughing and a finishing plate are used, charged with 750 and 1600
mesh powder respectively. The lapped seal faces are checked for
flatness with an optical flat under monochromatic light from a
helium filled neon tube., All these pieces of equipment are
commercially available items,

The seal rings used in the experimental work were machined out
of carbon impregnéted with babbit which is one of the common materials
used in commerecial seals., The faces were finished by hand lapping
to flatness of one to two light bands over the diameter, or about
half a light band per inch, One light band corresponds to the path
difference of one wavelength, i.e. a clearance variation of one half
the wavelength between the reflecting surfaces of the seal face and
the optical flat. With helium light of 5875.6 E wavelength® ths unit
(i.e. one light band) for measuring the seal clearance variations
comes out to be 11,6 x 10-6 inches, Thus in the experimental seals

the faces as finished by lapping had curvatures less thar 6 x 10.6

*Persistent band with longest wavelength in He spectrum.
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inches per inch., The typical fringe pattern of a seal face after
lapping is shown in Figure 5a,

The windows cut from plate glass, when checked out with an
optical flat, had at least one face of comparable flatness and did
not require any lapping.

After carefully lapping and installing the first seal, a
chack with the optical flat showed that the installed seal ring was
not flat, The surface was a concave polar symmetric shape indicated
by circular and very closely spaced light bands; the fringe pattern
on the seal face was somewhat similar to the grooves in & phonograph
record, When the lock plate [8] screws were loosened, ths seal face
returned to its initial flatness. The first conclusion was that
either the back face of the seal or the seal adapter [4] seat were
not flat, although considerable cara had been itaken in their machining.
To ensure.flatness the back side of thes seal ring was lapped to the
same flatness as the face, Figure 5b, A special lap with a hole in
the center was prepared, checked with the optical flat and then used
to lap the adapter seat, The bottom face of the lock plate was also
lapped flat,

The seal face in the installed condition after the above
changes still showed a coneave distortion but to & lesser degree; the
fringe spacing was larger, indicating slightly less distortion, A
typical fringe pattern on the installed carbon seal ring face is

shown in Figure 5¢c. Hstimated face curvsture is about 4 light bands



a. Typical lapped face, free, b. Lapped back side, free, with
with optical flat. .~ optical flat.

c. Installed, tight on O-ring, d. After initial failure, tight on
with optical flat. O-ring, with optical flat.

e. Typical‘ initial failure, high f. Typical permanent set, back
speed photograph at 1600 rpm. side, free, after scoring of the
face.
Figure 5.

Distortion and failures of carbon seal ring. 4 in. O.D.-3.25 in. 1. D.



42

per inch., The distortion results from the forces nesded to compress
the O-ring under the seal,

A similar fringe pattern was found with a brass seal ring
except the face distortion was about two light bands per inch as
may be expected since the elastic modulus of brass is two to four
times higher than that of the seal carbon, Figures 6a and 6b., Thus
the elastic distortions due to installation stresses can be reduced
but not eliminated even by the most careful finishing of the struct-
ural parts, It should be pointed out that, in the available
literature, only two statements were found (10), (11) emphasizing the
importance‘of avolding distortions in the supporting structure, e.g.
in the seats for the seal rings.

Sines in.commercial seals the back sides of the seal rings
and the supporting surfaces are not finished by lapplng, it is
obvious that considerably larger distortions must exist and, in
gome cases, there is also no polar symmetry of the seal face after
installation,

If the low installation siresses cause seal face distorticns
that are excessive according to currently accepted flatness standards,
then, under operating conditions with high fluld pressures and big
closure forces, much larger distortions must take place. Consequently
any assumptions about seal faces being flat are unjustified.

In view of the above experimental evidence it would be of

congiderable interest if the shape of the éeal faces, i.e. the
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a. Seated, free, with b. Installed, tight on O-ring,
optical flat, with optical flat,

c. As installed with plate glass, d. As installed with plate
average seal face pressure glass, average seal face
9. 4 psi, pressure 321 pei.

e. Stationary with 130. 4 psig f. Rotating at 1000 RPM with
oil pressure. Average seal 130, 4 psig oil pressure.
face pressure 68. 7 psi. Score line in the middle of

face,

Figure 6.

Distortion in brass-glass seal 4 in, O.D. - 3,25 in I. D.
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a. Infrared photograph of incipient b. Incipient failure with three

seal failure, taken immediately unsymmetrically located high
after stopping with Wratten spols. High speed Microflash
No. 25 filter, 1/25 sec at photograph at 1800 rpm and
f=4.7. f=8.

c. Typical failure at intermediate d. Attempt to detect thermal
stage. High speed Microflash gradients in the seal face.
photograph at 1800 rpm and - Microflash photographs at
£ = 8. 1000 rpm, P = 130. 4 psig,

- B =0.79.

Left half--ordinary film at f =8.
Right half--infrared film with
Wratten No. 25 filter at f=4. 7.

Figure 7.

Ordinary and infrared photographs of carbon-glass experimental seal.
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clearance geometry, in an operating seal could be measured, or at
least deduced. Direct measurements were out of the question because
of the access problems to the operating seal faces. Meassursment o
overall strains, such as changes in the position of the stationary
window, were investigated, but such effects either did not occur
or wers too small to be detected by conventlonal dial indicators
which can resolve 0.0001 inch, Ths ordinary interferometric tach-
nlques, similar to the one used for checking flatness of lapped
seal faces, do not work in the presence of the oil, because the
refractive indices of glass and oil are not sufficiently differsent
to result in partial reflsction at the glass-oil interface in order
to produce observable fringes, The carbon face seal, even when
highly polished, is a very poor reflector which makes any interference
fringes difficult to sse and to photograph, The monochromatic light
used for seal face inspection is of rather low intensity requiring
time sxposures which make photography of changing fringe patterns
impossible, Other light sources were conpidersd and the most sulta-
ble one for this work appears to be a gas lassri it has excellent
monochromaticity and high intensity., Unfortunately, an available
laser could not be found for the first series of tests.

4 seal ring made of brass was tried to ilmprove reflectivity
of the seal face., This produced fringe patterns of slightly better
contrast and permitted reduction of the exposurse time for photography

by at least an order of magnituda. The tyﬁica] fringe patterns with
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a brass seal and an optical flat are shown in Figures 6a and 6b.
However, this combination sotill did not produce fringes with oil - in
the seal clearance. The problem was resolved by experimenting with
vacuum deposited metal films to form a halfemirror on the glass
seel face, 4 half-mirror formed by chromium film turned out to bs
best, becauss of reasonaﬁla abrasion resistance, although 1t was
optically poorer than an aluminum half-mirror, Some metallic salts
have good semi-reflector propertiss, however these were not tried
bacause there were no facilities available for depositing such filmsj
also thelr abrasion resistance was not known™,

The chromium film halfemirror in combination with a brass
seal produced frings patterns of good contrast with oil present,
even under running conditions, Typical fringe patterns are shown
in Figures 6c, 6d, 6e and 6f, Unfortunately, a brass-glass seal is
very delicate and easily damaged because glass has lower tensile
strength than brass, Surface tractions caused by dry rubbing con=-
tact produce tensile failures in the glass commonly kncwn in the
glass trade as chatter sleeks. Since refinishing of the glass sur-
face requires special facllities and is relatively expensive, the
test runs with brass-glass seals require great care ‘o avoid damage

to the half-mirror before observation or photography can be earried

#) film of zinec sulphide produces an excellent semi-reflector for
interferomstric work, it has a high ipdex of refraction compared
to glass, and almost no absorption(12),
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out, Operation with boundary lubrication over the sntire seal face
is impossible because damage occurs befors this condition can be
approached,

With carbon seal riasgs the fringe patterns are too faint 1o
be sseny however, the shape of the rotating face can be deduced from
the high speed photographs of the seal face failure, For these
photographs high intensity flashes from & General Radio Company
Microflash were used to stop the motion. Typical ssal face failures
are shown in Figures %e and 7b, Tec. Wear patterns at different
stages of failures were also photographed under stationary conditions,
Flgures 5d and 7a,

Infrared photography was tried to detect thermal gradisnts
in the carbon sesal face, Figures 7a and 7d. Thess attempts werse
unsuccessful, prcbably bescause temperatures at the experimental seal
face wers so low that the wavelength of the emitted infrared radia-
tion fell outside the transmission limits of the plate glass window,

3,2 QObservation of Fluid Film,

One of the controverslal questlons of mechanical sesal desigﬁ
is beshavior of the fluid film in the seal clearance, Several
theoriss have been proposed; howsver, thsese all hinge on some assumed
gimple form of the fluid film in the clearance space. Some prassura
distribution measurements across seal faces have been carried out(4)

but meaningful interpretation of the rssults is difficult or imposs-

ible for the following reasons, Seal clsarances are so small that
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any pressure tap or other sensing device is at least an order of
magnitude bigger than the film thickness, and its pressnce changes
the conditions in the film., In such case, cause and effsct cannot
be separated and the data become unreliable, Pressure distribution
meagurements are meaningful only 1f the fluid film in the clearance
is continuous at the point of measurement,

Two of the doubts to be resolvad by visual observation were
the extent of {the continuous fluid film, and its dspandence on the
othar operating variables,

During the first few test runs it was found that, afier
starting with a continuous film over the entire seal face (i,e.
substantial leekags), gradual increase of the closure force produced
a progressive breakdown of the continuous film, The transition from
full film to boundary lubrication started at the outer periphery
an& spread 1nward over the entire seal face. Further increase of
ths closurs force eventually resulted in failure by scoring of the
carbon seal face, Since incipient failure could be observed, the
apparatus could be stopped at any stage of the faillurs,

With proper oblique illumination, fine striations with silvery
reflections could be observed and the transition line between the
eontinuons and discontinuous film could be distinguished. Unfor-
tunately, due to extreme thinness of the film, the contrast was very

puor and, although the phenomena is polar symmetric, it could be
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observed only over & small angular portion at a time, When there
was bou:ndai-y lubrication over the entire seal face no striations
could be obsarved since the transition line between the full film
and the boundary lubrization region disappeared. There vas, however,
no ambiguity when the boundary lubrication condition over the entirs
seal face was reached bscause this always brought about torque
fluetuations indicating a stick-slip condition,

Several light sources were tried to improve the contrast, but
an ordinary hand-held flcodlight, that could be moved around to vary
the incidence angle, proved to be the most useful. No satisfactory
photographs could be obtained and it was necessary to rely on records
of visual observations throughout the tests for correlation with other
measured experimental data,

The light sources that were tried without success include a
standard strobotach, an ultraviolet lamp and single high intensity
flashes of short duration from a General Radio Company Microflash,

A new type strobelight producing repeated flashes of higher intensity
than the strobotach may be useful but such an instrument was not
available at the time of the tests,

3.3 DNumerical Data.

The variables msasured in the seal tests are supply and dis-

charge pressures of the sealed fluid*, axial closure force, seal

*Hydraulic oil was used in all tests, the temprviscosity curve is
given in Figure 18,
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frietion torque, rotational spsed and leakage. The readings wers
taken at regularly timed intervals, except for the leakage which was
measured for the entire interval at each experimental setting. The
above measurements wers used to calculate the reduced data, In
aadition to thess measuraments the hydraulie pressurs in the load
cylinder, drive motor currsnt and seal supply ressrvoir temperature
were monitored to maintain steady state operation and to provide

a consistency check on the other readings,

To get reasonable accuracy in the numerical data, particularly
with low leakage rates, the measurements had to bs taken over a
sutficiently long itime interval with steady state conditions main-
tained as closely as possible, After initial warmup of about one
hour, at least a 15 minute interval was nesded to achleve a reason-
ably steady stats for each new test setting. When the steady state
was reached, readings were taken at 3 minute intervals over a 15
minute period, At settings with high leakage rates (over 1 cm3 per
minute) periods as short as 9 minutes were used.

Readout of the numerical data, recording of the data, and
monitoring of the equipment during the tests was done visually. A
single strain gauge indicator was used for voth the closure force
and the friction torque measurement. For these reasons, with ons
nan operation, the different readings were taken sequentially

although they are recorded as simultaneous., To take a set of
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readings required from 30 to 60 seconds and the exact time was
observed only in the leoakage measurement. The torque readings
varisd by the largest amountj these were taken before measuring
the closure foree and checked again afterwards,

The operating parameters for the test seals were caleculated
ag follows:
1, Sealed fluid pressure = -'2— (R + R) -lpsigl, where B and B
readings are corrected by the calibration curves for the pressure
gauges; Figure 19,
2, Total closure force F=Cr+w -[lbl, where the constant C
is determined from the calibration curve in Figure 20.
3., Net force on the seal face N=F- P-Z—dz - [Ibl
4. Average seal fare prassura D= -E—- - [psil
'5, Shear force at the average seal face radius S=% Corp -fib],
where C, is a constant or a value determined from the appropriate
calibration curve; Figure 21,

6, Average shear stress s=% - ')
S
N

7. Frictlon coefficlent B=

ol

8, Balance ratio B:—%
As already mentioned, the technical literature on mechanical

seals abounds in design descriptions but numerieal design data either

does not exist or is considered to be propristary information and is
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therefore not available. The goal in all designs is to eliminate
the leakage, or at least to reduce it to a tolerable level, It has
been generally accepted that the ordinary laminar flow equation
(based on the assumption of a parabolic velocity profile in the
uniform clearance)

_ 7D %P

Q=5 p *39:3 '[cm%nM] (1)

does not give correct leakage rates. Consequently, either the flow
is not laminar or the applicable 7 and z values are not known, The
importance of adequate cooling for good seal performance is repeatedly
semphasized; however, friction data to estimate cooling needs is again
notably lacking,

Useful parameters for designing mechanical seals and predic—
ting their performance cannot be found in the curreﬁt literature,
One of the goals in these initial tests was to establish the para-
meters relating seal performance to the operating variables. More
systematic testing could then be undertaken to evaluate these
parameters more clossaly,

Reduced data from about a first dozen test runs showed no
correlation or trend when leakage rate Q was plotted against spead
of rotation n, sealed pressure P, or seal face pressure P, Similarly,
the friction coefficient u was found to be not dependent on any single

factor,
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In these initial test runs the supply reservoir temperature
was not eontrolled and a temperature rise of 100 to 300 F took place
over the duration of a test run, This can change the viscosity of
the seeled fluid at most by a factor of twe. However, even allowing
for viscosity variations, the wide scatter of experimental points
could not be explained*,

Using the pressure-velocity factor®*j P¥, as the independent
variable no correlation could be found,

When leakage, Q, was plotted against the balance ratio, B, a
rend could be detected
slow temperature rise of the sealed fluid during each test rum,

In the next set of test runs a longer warmup period was
allowed %o reduce the sealed fluid temperature rise during a test
run, Supply and discharge pressurss were closely monitored to
maintain a constant pressure P at the seal within the reading
accuracy of the gauges (about + 0.5 psi), The additional data in-
dicated a definite trend on graphs of leskage rate Q versus balance
ratlo 3. There also appeared to be some influence of supply tem=

perature t and speed of rotation n,

%*For unbalanced seals absolute viscosity n is elaimed to have no
influence on leakage (4).

*¥PF factor-psixfpm is used by some manufacturers as a limiting
parameter in seal applications,
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At this stage a cooling coil was installed into the seal
supply reservoir and all subsequent test runs were made with at
lsast one hour warmup period., Constant seal supply temperature,
pressure and speed were maintained throughout each test run., The
closure force was increszsed in small steps until sesal failure
took place. The seal was then relapped for the next test run,

The reduced data from test runs No. 20 to 39 is presented
graphically in Figures 8 to 17 together with the pertinent values
of the seal operation variables, Two empirical rslations have
been established betwesn the test seal leakage rate, Q, and the
friction coefficient, u , and the seal balance ratio, B,

Ths sxperimental points on Q versus B graphs in Figures 8
to 12 represent composite values of several readings for sach
experimental setting. Different symbols are used to distinguish
points from different test runs and the scatter of the caleulated
values at each point is indicated by the length of the horizontal
1ine through the respective point,

On p versus P graphs in Figures 13 to 17 all experimental
points are shown using different symbols to distinguish data from
different runs, The lines are drawn as best approximations of the
frietion eoefficient values up to the highest R-value béfora failure

of the test seal took placs,
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3.4 Discussion of Experimental Results,

The interference fringe patterns betwsen 2 seal ring and the
window disc or optiecal flat show that the clearance, z, betwean two
seal faces under stationary conditions is not uniform, The amount
of clearance variation and the direction of the taper depends on the
installation stressses and pressure forces from the sealed fluid, i.e.
on the dssign of the structural parts and the secondary seals between
thege parts and the seal rings, If sesal rings'are 1appe& on both
sides and supporting surfaces are carefully finished it is possible
to keep the elastic distortions of the carbon seal ring polar sym-
metric, However, the clsarance i1s still not polar symmetric unless
the mating seal face is also similarly supported; this is a practical
impossibility. FEven with a structurally stiff mounting ring and a
thick window seated on a flexible gasket the cloasure forces produced
a bending distortion of the glass resulting in the itotal gap varia=-
tion of the order of 50 x ZLO_6 inches, Figures 6c¢c, 6d, As already
discussed, in commsrcial seals only the seal faces are lapped and
therefors it is reasonably csrtaln that when installed both seal
faces are neither flat, nor polar symmetric within the initial
finishing accuracy.

Sealing Mechanism in a Stationary Seal, With a stationary

seal, zero leakage condition can be achieved only if the net pressure

between facss, P, is sufficient to overcome face distortions to the
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extent that at least a solid-to-solid line contact is produced
around the seal face. With liquids, it may only be necessary to
reduce the maximum clearance to such low level that surface tension
forvces exceed the pressure differential, For these reasons the
roeduetion of installation distortions becomes increasingly important
for seals that must seal high pressures under both stationary and
rotating conditions,

Sealing Mechanism in a Rotating Seal., Under rotating con-

ditions the seal face geometry changes due to the thermal gradients
in the seal ring that are built uplin order to conduct away the heat
generated by the shear between ths faces. These thermal distortions
take considerable time to dévelop and to reach a steady state,
provided that operating conditions remain reasonably stable. The
transient cbnditions leading to the stable state are of considerable
importance if the seal is to reach stable operation without damage.
The geal failure by excessive local heat genaration will be discussed
later with the numerical data., At this stage suffice it to say that
during the transient conditions leading to a stable operation, the
améunt of frictional heat generated per unit area must not exceed
the failure value for the particular seal at any tims, For the pur-
poses of discussion of the sealing mechanism, thrée different
operating fegimas will be considered although, in actual operation,
there is no distinct dividing line separating one operating regime

- from another,
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1. Continuous or full film extending over entire seal facsa,
The seal operates as a thrust bearing, with considerable leakage; the
axial load is supported by the fluid pressure betwesn faces, The
fluid pressure is partially due to the radial flow pressure gradient
and partially to the circumferential hydrodynamic pressure gradients
in the nonuniform clearance of the seal produced by elastic distor=
tions. The shear rates in the fluid film are relatively low, little
heat 1s gensrated, and stable conditions are maintained as long as
leakage is sufficient to carry away the heat, There is little
thermal distortion because most of the heat is carried gsway by the
leakage, This operating regime is at the lowest possible balance
ratiog without opening up the seal faces, i.e, balance ratio § from
0.5 up to about 0,6 depending on the rubbing velocity ¥,

2, Mixed film operation., Under this condition continuous
fluid film sxtends over part of the seal facej; over the remaining
portion the fluid film is broken up and occasional rubbing with
“boundary lubrication takes place. The axial force to separate the
seal faces is generated primarily by the circumferential wedges
formed by the elastic and thermal distortions of the seal ring.

The clearance, %z, is so small that variations in gap of less than
0,0001 inches result in sufficient taper to convert a seal ring

into an effective thrust bearing, For example, the brass-glass seal
in Figure 6e at 1000 rpm shows a circumferential elearance variation

due to glass distortion alone of eight light bands or about 0,00009
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inch, Ths additional variation from seal ring distortion cannot bs
estimated from the photograph because the exposure time is too long
to stop the motion of the rotating member, With the mixed film the
balance ratio, B, 1s higher; in the sxperimental seal it varied from
0,6 to about 0,7. The leakage rate is greatly reduced and most of
the friction heat must be conducted away through the seal rings and
the supporting partss; therefore, the temperature of the seal Tfaces
is generally higher resulting in steeper thermal gredients. A4ll the
friction heat is generated at the seal faces, consequently, the
middle portion of the seal face having the longest conduction path
must be the hottest, This produces thermal distortion of the radial
cross—section of the seal ring and moves the narrowsst clearance line
towards the middle of the seal face, The warping of the seal facs
is sufficient to overcome the taper produced by doming of the glass
window, otherwise the contact line would remain the same as under
gtationary conditionsy that is at the periphery of the seal face,

In addition, to the distortion of the radial cross-section,
there 1s also a clrcumferential warplings; this forms the basls of &
built=-in stabilizing mechanism as long as the frictional heat ratsa
remains below the limit value initiating a failure, The self
stabilizing mechanism works as follows: some circumferential
wvariations, however small, are always present in seal faces, as well

as some misalignment between the faces. Under rotating conditioms
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the shear rate at the high spots is greater, and local preferential
heating results which creates thermal gradients in the seal ring, and
seal faces warp tending to accentuate the high spots. 4t the sams
time the warping increases the taper of the wedges in the circum-
ferential dirsction resulting in improved thrust ca&pacity which tends
to separate the faces and reduces the fricticnal heat rats until a
compromise 1s reached resulting in stable operation,

The distortions of the seal facss as discussed above could
not be observed directly by interferometric techniquessy however, in
experimental seals all failure patterans showed a general face
geomstry as deseribsd, Similar failure patterns have also been
observed by other investigators(g)s Typieal seal face fallures at
different stages ars shown in Figures 5e¢ and 7a, 7b, 7e. 411 show
scoring tracks in the middle of the face., The face of a seal ring
after stopping at an early failure stage is shown with the optical
flat in Figure 5d. Comparison of fringe patterns with Figure 5¢
{a typical newly lapped and installed seal ring) shows that the face
geometry has no high spots where the wear marks arej thus, the high
spots must have been present only while the seal was operating,

Figure 7a shows an incipient failure with two diametrically
opposite high spots, while in 7b thres unsymmetrically located high
spots can be seen, The diametrically opposite high spots were in

general most common, This can be explained by the fact that all
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experimental seals wers carefully lapped and mounted with installa-
tion distartions nearly polar symmetric and considarably less than
the axial runout Az. Consequently, the first thermal distortlon came
2t the highest spot due to runout; once this took place the seal face
became warped crsating the next highest spot diamsirically opposite.
In a number of failures the two diametrically opposite wear areas
were unaqual a&s might be expectsd on the vasis of the above thermal
distortion sequence (e.g. Figure 7c¢),

To reach a stable thermal distortiion condition may take con-
siderable time, particularly if the operating conditions ars such
that the heat removal rate by leakags convectlion is slmost adequate.
During test runs a step increase of the closure force produced an
increase in the friction torque; after 10 to 20 minutes soms of this
initial torque increase disappeared. Often the change took sven
longer showing up as a progressive drift in the friction readings
during a particular test setting,

The shifting of the minimum clearancs line to the middle of
the seal face due to thermal distortion can also explain the slow
change in the pressure distribution bstween seal faces as reported
by Mayer(é). He reports that the slow pressure increase between the
seal faces took some 70 minutes to dsvelop and it was assumed to
result from hydrodynamic effects of the pressurs sensing holes,

without an explanation of why it took so long to develop,
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3, In the boundary lubrication regime, the closure forces
exceed the maximum thrust that can be developed by ths thermally
distorted seal faces with sealed fluid as lubricant., The seal
face distcrtions are still present as indicated by wear patierns
on failed seal faces, Closurs force is partly balanced by ths
thrust bearing effect of the interrupted fluid film and the remainder
13 carried by direct solid contact, The transitlon from mixed to
boundary lubrication depends on many factors and cannot be related
to any particular operating variable, With the experimental glass-
carbon seal the transition took place at balance ratios, B, of about
0.6 to 0,7,

In general, boundary lubrication occurs at progressively lower
balance ratios with increasing rubbing velocity ¥. However, fluid
prassure, viscosity, seal runout and particularly seal face geomelry
are all contributing factors., It was found that boundary lubrication
may occur in a given seal at diffsrent balance ratios depending on
the previcus runup history, although fluid tsmperaturs, fluid
pressure and rubbing velocity are kept the same, Thes only pessible
explanation is that starting with a high balance ratio results in
different seal face distortions than those produced by a gradual
inerease of ths bhalanca ratio.

It was also found that startup with a high balance ratio could

result in seal failures by scoring, On the other hand, stable
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without failure if the closure force was increased slowly, allowing
for thermal distortlons to build up. This indicatss that even in
the boundary lubrication regime part of the closurs force is carried
by the hydrodynamic thrust bearing mechanism. With boundary lubri-
cation thes leakage becomes negligible and all the frictional heat
must be removed by conduction., As the closure force, i.e, balance
ratio, is increased the thrust bearing effect will diminish bscause
of lnsufficient fluid supplyj higher temperatures alsoc contribute by
reducing the viscosity of the fluid, An incresasing fraction of the
closure force will be balanced by direct solid contact pressure and
seal faces will eventually fail when the heat gensrated by friction
ean no longer be conducted away without exceeding the temperaturs
limitations of the seal materials, Thermal failures cccur very
rapldly when the boiling itemperature of the fluid is reachedj as the
fluid boils off, friction increases considsrably resulting in a
sudden heat rate increase producing failure,

For seals operating with boundary lubrication the seal material
thermal conductivity, high temperature strength and friction proper—
ties are of primary importance., The suitability of materials for
mechanical seals has been investigated by Mayar(a); he evaluates

materials in terms of an empirical parameter¥,

*Jairmespannung eriss-Widerstandsfactor - (Heat stress—tear resistance-
factor)
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In summary, the two operating regimes of practical interest
are the mixed film and the boundary lubrication regimes, In the
mixed film regime & mechanical seal operates as a hydrodynamic
thrust bearing with a built in stabilizing mechanism based on tharmal
distortions. There is very little, if any wear, but soms leakage
is neceséary for operation, In the boundary lubrication regime a
mechanlical seal operates as an overloaded thrust bearing, the excess
load being carried by solid rubbing contaet between faces, The
leakage is reduced to a minimum, but wear rates are higher, Opera-
tlon at high pressures and hilgh rubblng velocities 1s nolt pussible
with boundary lubrieation,

Leakaze Rate. Msasured leakage rate, Q, plotted against

balance ratio,f, for the experimantal‘ssal, shows a definite relation
between these parametersy Figures 8, 9, 10 and 11,

In the full film and mixed fllm operating regimes thers is
exponential dependence betwesn Q and B indieated by a straight line
on the log-log plot. The position of the leakage curve differs for
different runs with the same seal (without relapping between runs),
but the curve is linear and the slope remains practically constant
from run to run. The dotted curves in Figures 9 and 10 show results
of different test runs with the same ssal, In Figure 11 test runs
with two different lappings of the seal ring are shown. On a log-

log plot the leakage variation is still linear but there is a
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difference in the slope in spite of the fact that operating con-
ditions were kept the same and in relapping it was atiempted to
match the runouts, Az, as closely as possible,

The maximum Az values are only the best estimates that could
be mads using a 0,000l inch per division dial indicator. In spite
of the large percentage errors in Az measurement, a correlation can
ba detscted between the seal runout and the exponent relating the
leakage rate Q with the balancs ratio 3. The values tabulated bslow
show that the slope of the linear portion of the Q versus B on ths

log-log plot increases with decreasing runout except for one test run,

n-rpm maxlmam Az inch slope of Q versus B curve
1600 0.00008 14.6
1000 0,00007 14.7
1800 0,00006 17.7
1800 0,00006 28,6
1300 0,00005 21,6

The high exponent values show that leakags rate Q is extremely
sensitive to the balance ratio of the seal; a factor to be remembered
in designing mechanical seals,

The rubbing velocity, ¥, sither has no effect on the leakage
rate, or these effects are secondary and are swamped by the high
powsr exponential relation between Q and B.

With boundary lubrication the exponentlal relationship between
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Q and B does not existy increasing balance ratio will reduce leakage,
but at a diminishing raie, Eventually a limiting value of the balance
ratio B is reached at which a given seal fails. From the composits of
experimental Q versus B curves in Figure 12, it may be seen that, in
general, the limiting value of B at failure decreases with the increa-
sing rubbing vsloecity ¥ or rotation speed ns thers is no corrslation
of the failure point with leakage rate or any other variable,

For deslign and test purposes, Q versus 3 graphs are useful for
determining the trangition point from mixed to boundary lubriecation
regime, By plotting Q versus B, the transition is consistently in=-
dicated by the deviatlion of leakege curve [rom the straight line on a
log~log plot. This senables one to determine the operating regimes of
mechanical seals constructed from common engineering materials where
visual observation is impossible.

For a\given seal, the qualitative changes in leakage rates by
changing the seal balance ratio can be predicted on the basis of the
experimental data, but there appears to be no way of predicting ths
quantitative leakage rats,

The dependence between Q and B is exponential with very high
exponent values (experimental values 14.6 to 21,6) while in the lami-
nar flow formula, Equation 1, all the variables have only third or
lower power effect. Thersfore, correlation of leakage on the basis
of the laminar flow theory appears unlikely aﬁen if an empirical re-
lation can be found relating the clearance z (or an equivalent average
value) to fluid pressure P and absolute viséosity 7m for a given seal

type. Befors any correlation is attempted considerably more



experimental data is needed.

For sealing efficiency, stable operation in the boundary lubri-
cation regime appears to be ths design goal if the reliability can be
guarantesd and wear rates are acceptable, Unfortunately, the balance
ratio region between the minimum valune of 3 with acceptable leakage
rates and the maximum value detsrmined by the failure point becomes
narrower with incrsase in rubbing veloclity v and fluid pressurs P,

Seal Friction. Values of the friction coefficient, u , calw

culated from experimental data are plotted against balance ratio, B,
in Figures 12, 13, 14 and 15, There 1s considerable scatter of peints
at each test setting and the values of u obtained with the same seal
in different test runs also show wide variation,

Some of the scatter results from experimental errors because
all related readings could no:t be taken simultansously. In the
boundary lubrication regime all torque readings are the best estimates
of the average torque under stick-slip conditions., However, the
differences in p values from run-to-run with ths same seal without
any detectable changes in the seal face cannot result purely from
measursment srrorsi test data is= too consistent to indicats errors
of such magnitude, The different u values probably arise from seal
face geometry variations due tc different runup histories and in=-
sufficlient stabilization periods befors readings were taken,

Considering u values from different test runs with the same
seal (no reiapping betwsen runs) under identical conditions, there

appears to be a minimum that can be attained at a partiecular halance
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ratio B. Assuming these minimum values to repressnt the closest
approach to the stable operating condition, and allowing for scatter
and othe£ experimental errors by statistical averaging, a straight
line relationship between u and B gives the best approximation of
sexperimental results, These best fitting straight lines for different
experimental conditions are shown in Figures 12 to 15.

The wide variations of p -values in the full film regime
cannot be readily explained even in terms of relatively large srrors
in measuring very low torques., It is possible that the geal faces
are, in some cases, fully separated resultirg in only pure viscous
drag, while, in other cases, there is some rubbing contact, In any
case this operating region is of little practical interest bacauss
leskage ratess are unacceptably high for seal applications.

The comparison of u versus B curves for differsnt spseds is
given in Figurs 16, The u values extrapolated along the curves to
the B values at failure ars indicated by the terminal points of thesse
curves, In general the slope of u versus § curves is consistently
decreasing with increasing rotation spseds n, Friction coefficient
values generally show a decrease &s the speed increases; howevér,
there is an unexplainable increase of p values for 1800 rpm test run.

There does not appear to bs any correlation of u values with

the seal runout Az or other operating variables.
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of limiting operation conditions is important.

In seal design and applications, the prediction

A so-called P¥ =-

factor or a pvu factor (4) is used by seal manufacturers for this

purpose, The PVu

heat generated per unit face area of a seal,

- factor is actually a measure of the frictional

The messured and sextrapolated valuss of the operating variables

and parametsrs at the failure conditions of the experimental seals

are tabulated below,

Tast run No. 24 No. 30 No. 34 No, 39
P - psig 130.4 130.4 130.4 130.4
7 - fpm 955 1238 1522 1712
8 0,92 0,90 0.833 0.689
" 0,0162 | 0.0135 | 0,011 0,0126
B7u = BPTu £b.1b/in“min 1820 1960 1820 1940

or

BTU/inEmin 2,34 2.52 2,34 2,50

The exparimental'results show that the failure of a gilven seal is

determined by a limiting friction heat rate.

Even though the friction

coefficlient, pu , values have besn extrapolated from curves based on
scattered experimental points the agreement of heat rate values at

the seal failurs point is within eight per cent.
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Based on the existing evidence the extrapolated u values,
together with other measured data, permit prediction of failurs
limits of a given seal design for different combinations of opsrating
variables. This eliminatss the need for a large number of failure
tests to determine the operating limits for a variety of conditions.

3,5 Evaluation of Experimental Errors.

The gauges usad for measuring sealed fluid supply and dis-
charge pressures were calibrated on a dead weight tester. All
sxperimental readings were corrscted by using appropriate calibration
curves shown in Figure 19, The experimental error in the measurad P
values results from pressure fluctuationsj these could usually be
kept within + 0,5 psi,

The reading accuracy of the strain-gauge indieator is about
+ 1 yinch/inch and the maximum zero shift of the tie rod strain-gauge
bridge circuit during any test run was less than *+ 5 ;;inch/inch, The
corresponding random error in total closure force, F, is + 9 pounds.,

Thus, the maximum combined random error in the net seal face
forcs, N, is about 13 pouads or less than four psr cent of the average
N value in the experimental range. The maximum srror of four per cent
also appliss to the average face pressure, P, and balance ratio, B,
values,

The random errors in torque msasurements are considerably

larger, The reading accuracy of the strain-gauge indicator is the
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same but zero shifts of the torque strip strain-gauge bridge of

+ 4 pinch/inch result in highsr relative error becauss stresses in the
torque strips were considerably lower. The combinsd random error in
shear force, S, is about 0.2 pound or as much as ten per cent of the
lowest shear forces in the experimental range, In the mixed film and
boundary lubrication operating regimes the error is generally less
than five per cent. With boundary lubrication the stick-slip effects
made strain-gauge readings difficult, introducing some additional
error which is hard to estimate, However, this error does not appear
significant becauss there is no apparent increase in the scatter of
corrssponding experimental points on u versus B graphs.

The shear force error of five to ten psr cent is applicable
also to the friction coefficient values, Although this random error
is appreciable, it is small compared to the changes in the friction
coefficient caused by the seal face geometry variations discussed in
preceding sections. Unfortunately, thare is no way of estimating or
predicting these sffects on the basis of limited data,

The rotation speed variations were kept within * 6 rpm at
any ons setting, Combined with the reading accuracy of the strobo-
tach of + 2 rpm the total random error in n and ¥ values is less than
one per cent,

The agreement of the limiting friction heat rates calculated
from extrapolated friction values is remarkably close and should be

substantiated by further tests.
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3.6 Continuation cf Mechanical Ssal Investication,

The results of the first series of tests have provided a good
qualitative picture of the fluid film behavior in the clearance of a
mechanical seal, The sealing mechanism has been explained and sub-
stantiated by experimental data,

To provids useful quantitative design information the operating
and the design variables must be next investigated systematically
over a broad range. The following is tha proposed program for con-
tinuation of the experimental work:

1, Investigation of the major operating variables, without
changing seal geometry and size,

a, With P constaat, prefesrably at 130 psig, conduct
experimental runs at speeds below 1000 rpm to cover
3 values up to at least 1,2 before failure. This
would extend the experimental data well into the
region of unbalancsd seals where P > P. A six inch
diameter spindle pulley will be needed to extend the
speed range,

b. Investigate low pressure cperation with P constant
in the 40 psig range choosing rotation speeds to
produce failuree in the B range of 0.7 to 1.2. This
will require speeds in excess of 1800 rpm and a larger

motor pullsy will be needed to extend the speed range,
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¢, Investigate high pressurs operation with P constant
in ths 450 pgig range, again choosing rotation spoeds
to produce failures in the same 3 range, It may be
necessary to extend the lower spesd limit further in
nrder to operate at high B values without failure.

d, Additional photographic work and interferometric
measurements can be carrisd cut simultaneously with
the collection of mumerical data if and when a high
intensity monochromatic light source becomes avalla-
bls, Some Infrarsd photegraphy technlgues can also
possibly be devsloped to record the temperature
distribution in the face of a running seal,

e, At any stage of the expsrimental work the investigation
of transient effects can be undertaken, This requires
some additional instrumentation and additional man-
power in order to take simultansous readings of
related opsrating variables,

2, Investigation of the design variables preferably with the
same operating pressures as in the preceding tests,

a. Select test runs from previous investigations with
extreme values of runouts Az. Repeat some test runs
under identical conditions with seal rings specially
lapped to produce opposite extremes in the runouts

Az, Data from the first few runs should indicate
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if more extensive testing is needed to pinpoint

the effects of runocut,

Reduce the stiffness of the seal ring by narrowing
the radial section to the width of the seal facs,
Determins the runout as closely as possible and
select operating conditions to match some previous
test runs with identical runcut, If the first tests
show significant effects the stiffness of the seal
ring can be further varied by changing the height

of tha eross-section. For thinner rings lapped
spacers can be readily made to fit onto the seal
adapter, To increase the stiffness a nsw seal
adapter will be needed to accommodate a thicker seal
ring,

Decrease the face width b of the seal rings to about
1/16 inch kseping the average diameter, D, constant,
Conduct the first test runs under operating conditions
to matoh the runout wvaluse of previous tests.

Prepare seals with circumferential waviness of a few
lightbands in the face. This can be done by "finger-
ing" a flat lapped seal surface with fine abrasive,
The number of high spots around the circumferencs
should be at least three, Matching the operating con=-

ditions with a previously tested flat lapped seal with
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equal runout would permit destection of any signifile
cant increass of thrust capacity.

Operation in the mixed regime depends largsly on
adequate lubricating fluid supply to maintain the
thrust bearing effect, Rotating seal rings with
noncircular face boundaries on the pressurs side
have been tried in some seal designs to improve
lubrication of the seal facss, Visual observation
of the interface fluid film allows dirsci evaluatlon

of such seal designs,

3., Investigation of seal materials and cooling effecis,

a,

The glass window can be readily replaced by properly
finished plates of different materials. With adequate
data from preceding tests the operating regime can be
predicted from leakage rate plots without the nsed
for visual obssrvation, The incipient failure should
be indicated by abrupt torque increnses, similar to
those observed in glass-carbon seal tests, Tests
using different material pairs can be conducted to
provide useful design information such as friction
goalTiclents and limiting heat rates.

Common enginesring materials are readily machinable
to provide cooling for temperature control of the

seal plate which replaces the window, or its upper
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surface, Connections can be readily built into the
mounting ring assembly without disturbing other parts
of the apparatus. The instrumentation for tampera-
ture and directvsealed pressure measurement can also
be easily adapted once the transparsnt glass window
is traded for machinable material,

The proposed program has been set up on the assumption that
experimental data obtainable with the existing apparatus is collected
and studied first. The next steps would involve only minor modifica-
tions such as exbending the speed range and increasing the power
available from the spindle drive, The more complicated experiments
to provide answers to specific design problems cpuld then be planned
by taking advantage of all the accumulated test data,

3.7 Conclusions.

1, The faces of a mechanical seal although initially lapped
flat are elastically distorted by installation stresses., These dis-
tortions have at least the same order of magnitude as the currently
accepted flatness standards for lapped seal faces.,

2, Vith a stationary mechanical seal, the zero leakage con=-
ditlon requires a continuous solid-to-solid line contact around the
ssal face, In érder to have this ¢ontact the closure force must be
sufficiently big to overcome the installation distortions and mis-

alignments that are present in every seal.
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3. Under operating conditions the thermal distortions of the
seal faces are significant. They perform an essential function in
the operating mechanism of a mechanical seal,

4. In a rotating mechanical seal thers are two differsnt
operating regimes, the mixed film and the boundary lubrication regime,
that result in sufficiently low leakage rates to be of practical
usefulness,

In the mixed film regime continuous fluid film extends part
way into the seal clearance and such a seal operates as a hydrodynamic
‘thrust bsaring. The stabilizing mechanism is based on circumferen-
tial wedges in the seal clearance produced by thermal distortioms,

In the boundary film regime thars is no circumferentially
continuous fluid film in the seal clearance and a seal operates as
an overloaded hydrodynamic thrust bearing, Some fraction of the
closure forces is carried by hydrodynamic pressures, the remainder
by solid rubbing with boundary lubrication over the contact areas,

5. In the mixed film regime the leakage rate, Q, 1s a high
power exponential function of the balance ratio, B, The value of the
sxponent depends to some extent on the runout, Az, of the sealj
generally it increases with the diminishing runout., In the experi-
mental seal the exponent values wers 14.6 to 21,6 corresponding to

runouts of 0,00008 to 0.00005 inches.,
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6. In the boundary lubrication regime the exponential rela=-
tionship between @ and B breaks down, and Q decreases at a diminishing
rate with increasing B value,

7. Absolute leakage rate does not depend on the balance ratio
alone. It is a function of many variables. One of the important
variables is the transient operating history from startup to the
particular stable condition; this influences the thermal distortions
of the seal faces and the resulting clearance geomeiry,

8. The numerical value of the friction coefficient, p , for
a given seal is a funetion of several wariabhles; it can be determined
with reasonable accuracy only by experiment. However, the value of u
varies linearly with B and can be extrapolated with good accuracy., In
general the slope of u versus B curve decreases with increasing rub-
bing veloecity, ¥,

9, The failure point of a given seal is determined by a limit-
ing heat rate., The limiting heat rate for a given seal remains
constant over a range of operating conditions and permits prediction
of seal failure for different combinations of opecrating variables. In
all the experimental seal failures over a speed range of 1000 to 1800
rpm, the heat rates producing failure agreed within eight per cent,

10. Choice of the meschanical seal operating regime is
necessarily'a compromise betwsen acceptable leakage and wear rates,

The boundary lubrication regime results in the lowest leakage rates
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but differential pressures and/or rubbing velocities are limited to
low values by allowable wear and heat rates., The mixed f1lm regime
requires some continuous leakage, but properly designed seals can

be opesrated at high diff'erentisl pressurss and rubbing velocities
with very little wear, For reliable operation the balance ratio must
be closely controlled,

11, In order to formulate & meaningful theory to be used as
a design basis, a realistic mathematical model is needed, The steady
state clesrance gecmetry depends on the previous operating history,
therefore the transient effects must be known or at least controllabls
in practice, Existing experimental data indicate that in the basie
fluid flow equations the standard simplifying assumptions; such as
constant viscosity, temperature and suitably prescribed boundary
conditions, cannot be mede. Undsr such conditions any mathematical
treatmsnt becomes sxtremely difficult,

If simplifying assumptions must be made in order to make the
analysis tractable, there must be sufficient experimental data to
justify such assumptions, otherwise the analysis becomes academie
and is of little usa,

12, At the present stage, the most fruitful course for further
investigation appears to be systematic expsrimental investigation to
find the effect of operating and design variables, Adequate numerical

data for a future analytical approach may then appear,
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